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Abstract

The capability to predict elastohydrodynamic film-thickness and friction from primary measurements of transport properties of
liquid has been an elusive goal for tribologists for 50 years. Most comparisons between predictions and experiments involve some
amount of tuning of the model in order to match the experimental results. In true prediction, this cannot be done since there
are normally no experimental results to compare to. Primarymeasurements of lubricant transport properties of Squalane were
performed, and used in a numerical friction prediction model. Afterwards, friction was measured in a ball-on-disc tribotester.
No tuning of the lubricant properties, model or test setup were applied. The current work on EHL-friction is therefore a true
representation of the current level of EHL-friction prediction.
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1. Introduction

Elastohydrodynamic lubrication (EHL) is said to occur in lu-
bricated, non-conformal contacts where the elastic deformation
of the mating surfaces has a significant influence on the lubri-
cant film thickness. In many cases the elastic deformation oc-
curs even for materials with a high young’s modulus due to high
contact pressures. These high pressures will in general give
rise to a substantial viscosity increase in the lubricant. Ma-
chine components like gears, rolling element bearings and cam
followers operate under EHL conditions. Improving the perfor-
mance of machine components working under EHL regime is
of great importance to reduce wear and increase efficiency.

The capability to predict elastohydrodynamic film thickness
and friction from primary measurements of the transport prop-
erties of the liquid has been an elusive goal of the tribology
community for more than fifty years. Indeed, such a capabil-
ity may be considered an indication of the maturity of the EHL
field and of the understanding it has provided of the mechanics
governing the lubrication process. Nearly all of the research in
EHL has involved the assumption of simple but unrealistic rhe-
ological models and the adjustment of the parameters of these
models for validation. Clearly, a complete understanding of the
film forming process, free of adjustable properties, must pre-
cede a prediction of friction since the film thickness establishes
the shear rate in the Hertz region where friction is mostly gen-
erated. It is important to keep in mind that the pressure range,
and thus the viscosity increase inside the contact, that governs
the coefficient of friction is several orders of magnitude higher
than the pressures in the inlet that are governing film formation.

∗Corresponding Author
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The foundation for the prediction of film thickness and fric-
tion, at least for low pressures, has been available for sometime.
The pressure dependence of density, viscosity and thermal con-
ductivity was accurately described to EHL pressures (1.2 GPa)
by Bridgman [1] in 1931. Precise measurements of the temper-
ature and pressure dependence of lubricants to EHL pressures
were obtained in Bridgman’s laboratory and reported in the
1953 ASME viscosity report [2]. The nature of non-Newtonian
response to shear stress in lubricants was correctly described by
Hutton in 1973 [3]. Therefore, much of the needed rheological
descriptions have been in place for about four decades and all
that has been required has been to perform the computations
with accurately measured properties. Some good predictions
have been obtained for squalane and a polyalphaolefin using
simple isothermal calculations where the film thickness wasas-
sumed uniform over the Hertz region resulting in the Hertz pres-
sure distribution [4, 5]. The analysis for the polyalphaolefin was
improved by a full EHL simulation [6] which calculated the real
distribution of film thickness and pressure, resulting in anex-
traordinarily precise agreement with measured contact behavior
although at low pressure and sliding velocity.

Successful predictions in the high pressure, thermal regime
have come more recently. Using the "full system approach"
[7, 8], it has been possible to predict EHL friction [9] accu-
rately at very high contact pressure with significant sliding. The
only property which was not obtained from a primary measure-
ment was the limiting-stress pressure coefficient. The ability
to measure shear stress in a liquid when the response is rate-
independent [10] apparently has been lost for about twenty
years. However, when the other rheological properties are well-
known an approximation of this coefficient may be extracted
from a traction measurement with relative confidence. It should
be pointed out that recent reseach [11] has shown that an accu-
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Nomenclature

βK Temperature coefficient ofK0 [K−1]

χ Dimensionless heat capacity scaling parameter

η Generalized (shear dependent) viscosity [Pas]

γ Shear rate [s−1]

κ Dimensionless conductivity scaling parameter

Λ Limiting stress pressure coefficient

λr Relaxation time atTR and ambient pressure [s]

µ Limiting low-shear viscosity [Pas]

µR Low shear viscosity atTR and ambient pressure[Pas]

µ∞ Viscosity extrapolated to infinite temperature[Pas]

ρ Lubricants density [kg]

τ Shear stress [Pa]

ϕ Dimensionless viscosity scaling parameter

ϕ∞ Viscosity scaling parameter for unbounded viscosity

A Coefficient in the dimensionless conductivity scaling
parameter

av Thermal expansivity defined for volume linear with
temperature [K−1]

BF Fragility parameter in the new viscosity equation

C Parameter in the conductivity function [W/mK]

C0 Parameter in the heat capacity function [J/m3K]

cp Specific heat capacity [J/kgK]

Cv Lubricants volumetric heat capacity

G Effective shear modulus [Pa]

g Thermodynamic interaction parameter

k Thermal conductivity [W/mK]

K
′

0 Pressure rate of change of isothermal bulk modulus
at p=0

K00 K0 at zero absolute temperature [Pa]

K0 Isothermal bulk modulus atp=0 [Pa]

L Contact load [N]

m Parameter in the heat capacity function [J/m3K]

n Power law exponent

p Pressure [Pa]

q Coefficient in the dimensionless conductivity scaling
parameter

s Exponent in the conductivity scaling model

SRR Slide to roll ratio

T Temperature [K]

TR Reference temperature [K]

Ue Mean entrainment speed [m/s]

V Volume [m3]

V0 Volume at p=0 [m3]

VR Volume at reference state,TR, p=0 [m3]

Wf Friction power [W]

rate value of limiting shear stress cannot be obtained from a
traction measurement unless the viscosity is known to be very
large. This is because the magnitude of the friction cofficient in
the top parts of a friction vs slip curve is not only governed by
the limiting shear stress, but also shear-thinning.

Most comparisons between predictions and experiments in-
volve some amount of tuning of the model in order to match the
experimental results. In realtrue prediction this cannot be done
since there are normally no experimental results to compareto.
Instead, all three components occur independently from each
other:

• Primary measurement of lubricant transport properties.

• Prediction using measured transport properties as input
data together with operation and geometric data.

• Experimental validation

Such an investigation is presented here. The three compo-
nents in this work have been carried out at three different lab-
oratories. Initially the transport properties of squalane(a low

molecular weight branched alkane) were characterized at Geor-
gia Tech. These properties were later used in a numerical model
to predict friction at the Lebanese American University. Finally
friction was measured in a ball on disc test device at Luleå Uni-
versity of Technology. No tuning of the lubricant properties,
model and test setup has been applied. The presented resultson
EHL friction are therefore a true representation of the current
level of EHL friction prediction. This study also includes higher
entrainment speeds than previously published in this kind of in-
vestigation.

2. Overall Methodology

The following sections cover the investigated cases, includ-
ing running conditions and loads. It also contains information
about the lubricant and its transport properties, as well asthe
numerical model and the underlying boundary conditions and
assumptions. Finally, the experimental equipment and speci-
mens are discussed together with the test procedure.
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Table 1: Investigated conditions
Temperature 40◦ C
Contact load 50 and 300 N
Maximum hertzian pressure 1.07 and 1.94 GPa
Entrainment speed,Ue 0.34 to 9.6 m/s
Slide to Roll Ratio, SRR 0.0002 to 0.49

2.1. Investigation Procedure

The numerical prediction and experimental measurements
are performed using the same conditions reported in Table 1.
SRR is defined as the speed difference divided by the mean
entrainment speed,Ue . All tests are performed with positive
sliding only, which in this case means that the ball is rotating
faster than the disc. The investigation includes a combination
of high entrainment speeds and contact pressures that to the
authors knowledge has not been considered in any similar pre-
vious studies.

Both numerical predictions and experiments were performed
with the same lubricant, squalane, a commercially avail-
able low molecular weight branched alkane (2,6,10,15,19,23-
hexamethyltetracosane). An oil without additives was chosen
to minimize the effect of tribochemical reactions on the friction
coefficient. As explained later the tests are conducted repeat-
edly until a satisfactory repeatability is reached, and since this
could take a different amount of cycles for different test cases
a lubricant containing additives could be in different stages of
tribofilm development. At the test temperature of 40◦ C, the
ambient viscosity of squalane is 15 mPas and the pressure vis-
cosity coefficient is 18GPa−1 [12]. The following section gives
a more in depth view of the lubricant parameters used in the nu-
merical model.

2.2. Lubricant transport properties

The transport properties used for the numerical model in this
study are obtained from several earlier studies on squalane. A
brief overview of the models derived from these studies is given
here. Further information about the measurements for the effect
of pressure, temperature and shear on viscosity is found in ref-
erences: [4, 12, 13].

2.2.1. Equation of state
A temperature modified version of the Tait equation of state

is used to model the temperature and pressure dependence of
volume for Squalane. The Tait equation is written for the vol-
ume relative to the volume at ambient pressure,

V
V0

= 1−
1

1+K
′

0

ln

[

1+
p

K0
(1+K

′

0)

]

(1)

with

K0 = K00exp(−βKT) (2)

The volume at ambient pressure relative to the ambient pres-
sure volume at the reference temperature,TR, is assumed to vary
with temperature as:

V0

VR
= 1+av(T −TR) (3)

whereK
′

0 = 11.74, av = 8.36x10−4K−1, K00 = 8.658 GPa
and βK = 6.332x10−3K−1 were obtained from experimental
measurements with a standard deviation of 0.05% [12].

2.2.2. Viscosity
A thermodynamic scaling rule that has been found to be ac-

curate for many organic liquids is:µ= f (TVg), where -3g is
related to the exponent of the repulsive intermolecular poten-
tial. A useful scaling parameter can therefore be written as:

ϕ =

(

T
TR

)(

V
VR

)g

(4)

An accurate scaling function can be obtained from a Vogel
like form:

µ= µ∞exp

(

BF ϕ∞

ϕ−ϕ∞

)

(5)

where g=3.921,ϕ∞=0.1743,BF=24.50 andµ∞=0.9506x10−4

Pa·s were obtained from experimental measurements with stan-
dard deviation of 14.9 % with respect to relative viscosity [12].

For the shear dependence of viscosity, a t-T-p shifted Carreau
equation is used:

η(γ, p) = µ

[

1+

(

γλR
µ
µR

T
TR

V0

VR

)2
](n−1)/2

(6)

whereµR=15.6 mPa·s, γR=2.26x10−9 s, and n=0.463 were
obtained from Non-Equilibrium Molecular Dynamics and ex-
perimental measurements [13].

The limiting shear stress was shown to depend on pressure
as:

τ = Λp (7)

whereΛ=0.075 was found from EHL traction experiments
and is assumed to be independent of temperature [4].

2.2.3. Thermal properties
The thermal conductivity and volumetric heat capacity of

squalane is expressed as:

k=Cκ−s (8)

with

κ =

(

V
VR

)[

1+A

(

T
TR

)(

V
VR

)q]

(9)

And

Cv = ρcp =C0+mχ (10)

with

χ =

(

T
TR

)(

V
VR

)−3

(11)
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Table 2: Specimen material properties
Material 52100 (AISI)
Young’s modulus (Pa) 210x1011

Poisson’s coefficient 0.3
Specific heat capacity (J/kg K) 475
Thermal conductivity (W/m K) 46.6
Thermal diffusivity (m2/s) 13.6x10−6

Density (kg/m3) 7850

whereCk=0.074 W/m·K, s=4.5, C0=0.94x106 J/m3
·K and

m=0.62x106 J/m3
·K were obtained from experimental mea-

surements. The thermal properties were measured by Ove An-
dersson at Umeå University.

2.3. Numerical model

The numerical model employed in this work was described
in detail in [8, 9, 14]. In this section, only the main features of
this model are recalled. The model is based on a finite element
fully coupled resolution of the EHD equations: Reynolds, lin-
ear elasticity and load balance equations. The latter are solved
simultaneously providing robust and fast converging solutions.
The generalized Reynolds equation [15] is used to account for
the shear dependence of the lubricant. Special formulations are
introduced in order to stabilize the solution of Reynolds equa-
tion at high loads. The temperature distribution in the contact
is obtained by solving the 3D energy equation in the lubricant
film and solid bodies. The model incorporates the variationsof
the lubricant’s thermal properties with pressure and temperature
throughout the contact. Then an iterative procedure is applied
between the respective solutions of the EHD and thermal prob-
lems as described in [8, 14]. During the iterative procedure,
every time the shear stressτ is evaluated (using viscosity data
provided by a combination of the Carreau and Vogel-like mod-
els) it is either truncated toτL if it exceedsτL or, otherwise, it is
kept unchanged.

2.4. Ball on disc tribotester

The experiments were carried out with a Wedeven Associates
Machine (WAM) 11, ball on disc test device. The lubricant is
supplied at the center of the disc in an oil dispenser that dis-
tributes the lubricant across the disc surface. Lubricant is cir-
culated in a closed loop from the oil bath, through a hose pump
to the oil dispenser at the center of the disc. The hose pump
is delivering approximately 180 ml/min. Three thermocouples
are used in the test setup, one located in the oil bath, one in the
outlet of the oil supply and one trailing in the oil film close to
the inlet region of the ball on disc contact. A more thorough de-
scription of the test rig and its features is presented in previous
work [16].

2.4.1. Test specimens
All specimens used in the tests (balls and discs) are made

from AISI 52100 bearing steel. The balls are grade 20 with a
13/16 inch (20.637 mm) outer diameter and a hardness of about
60 HRC. The discs have a 4 inch (101.6 mm) outer diameter, a
circumferential grind (before polish) and are through hardened

to about 60 HRC. Additional material parameters also used in
the numerical model are found in Table 2. The surface rough-
ness, RMS, has been measured to about 25 nm for the balls,
and 35 nm for the disc, which gives a combined roughness of
approximately 43 nm. The surface roughness measurements
have been conducted in a Wyko NT1100 optical profilometer
system from Veeco. The measurements were performed using
10x magnification and 1x field of view.

2.4.2. Test procedure
The ball on disc test device is used to generate friction data

from a relatively broad range of operating conditions whereone
test cycle covers entrainment speeds between 0.34 to 9.6 m/s
and slide to roll ratios (SRR) from 0.0002 to 0.49. Both ball
and disc specimens were cleaned with heptane and ethyl alcohol
before starting the experiments for each of the test cases. Be-
fore starting the experiments for each test case, the test device
is warmed up to the desired operating temperature during ap-
proximately 60 minutes with oil circulation over both ball and
disc to ensure temperature stability. When thermal stability is
reached a 50 or 300 N load, equivalent to 1.07 or 1.94 GPa max-
imum Hertzian pressure is applied and the machine is calibrated
for pure rolling by adjusting spindle angle and positioningof
the ball to ensure a condition of no spinning. These settings
are then held constant for 20 minutes to ensure a mild run-in.
Subsequently the test cycle is started that contains several loops
where SRR is held constant for each loop and the entrainment
speed is ramped from 9.6 to 0.34 m/s. In the first loop the SRR
is held at 0.0002 and is then continuously increased with each
loop until it reaches 0.49. The same test cycle is repeated inthe
same track for both ball and disc until the absolute frictionco-
efficient for each measured combination of entrainment speed
and SRR does not differ more than 0.001 from the previous test
cycle, excluding SRR below 0.0016 where the accuracy of the
machine is slightly lower. When this occurs, the system is con-
sidered run in, and the data from the final test cycle is used for
evaluation. The temperature of the oil bulk and fluid film at the
disc surface is typically deviating less than± 1.5◦C from the
target temperature of 40◦C during testing. The actual contact
temperatures are however higher than the bulk oil temperature.
In the most severe cases with high entrainment speed, SRR and
coefficient of friction (COF), the contact temperature willin-
crease several tens of degrees [14].

Data from each test is processed separately, and a triangle
based linear interpolation is used between the data points mea-
sured for specific SRR’s and entrainment speeds. The results
are presented as 3D friction maps, that are discussed in detail in
previous work [16].

3. Results and discussion

In this section, the results from both experiments and nu-
merical simulations are presented. The results include friction
coefficient measurements and calculations, film thickness cal-
culations and comparisons in percentage of the difference be-
tween experiments and numerical calculations. It also shows
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(a) Simulation, 40◦C, 1.07 GPa (b) Simulation, 40◦C, 1.94 GPa

(c) Experiment, 40◦C, 1.07 GPa (d) Experiment, 40◦C, 1.94 GPa

Figure 1: 3D friction maps - Comparison between experiment and calculation
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Figure 2: Difference in friction coefficient, Calculation-experiment [%], 40◦ C,
1.07 GPa
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Figure 3: Difference in friction coefficient, Calculation-experiment [%], 40◦ C,
1.94 GPa
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Figure 4: Calculated minimum film thickness [nm], 40◦ C, 1.07 GPa

the calculated power generated from friction in the simulations
for both pressures. The results from the calculations and the
experiments can be seen in Fig. 1 where Figs. 1(a) and 1(b)
are from calculations, and Figs. 1(c) and 1(d) are from experi-
ments.

Figure 2 shows the difference between the experiment and
calculation in percent for the test performed at 1.07 GPa, and
the difference for the 1.94 GPa test is shown in Fig. 3. A pos-
itive number in those figures indicates that the predicted co-
efficient of friction is higher than the experimentally obtained
value, whereas a negative number indicates that the predicted
friction coefficient is lower than the experimentally obtained
value. The calculated minimum film thickness for the 1.07 and
1.94 GPa cases for the entire region of the tests are shown in
Figs. 4 and 5. Figs. 6 and 7 show the generated power from fric-
tion in the experiments for the 1.07 and 1.94 GPa cases respec-
tively. The friction power is calculated as:Wf = µ∗Ue∗SRR∗L.
Whereµ is the coefficient of friction,Ue is the mean entrain-
ment speed andL is the applied load. The loads are 50 and 300
N respectively.

3.1. Film thickness and roughness effects

The minimum film thickness values presented in Figs. 4 and
5 are taken from the numerical calculations. It is worth noting
that the film thickness, especially for the lower pressure case,
Figure 4 are almost independent of SRR. The increased tem-
perature in the inlet of the contact with increasing entrainment
speeds and SRRs are not substantial enough to considerably in-
fluence the film thickness. For the higher pressure case, Fig.
5 the effect of increasing entrainment speed and SRRs on film
thickness is larger, which is not surprising considering the dif-
ference in friction power, see Figs. 6 and 7. However, even
here the effect on film thickness is small. The effect of thermal
heating on friction is of much greater importance and will be
discussed later.

Most likely the measurement performed at the lower contact
pressure, 1.07 GPa, Fig 1(c), is in the full film regime at all
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Figure 5: Calculated minimum film thickness [nm], 40◦ C, 1.94 GPa

combinations of speeds and SRRs, possibly with the exception
of the lowest speeds. The calculated minimum film thickness
for the lowest tested speeds at 1.07 GPa is in the range of 35-40
nm, as seen in Fig. 4, in comparison with a combined roughness
(RMS) for the contacting surfaces of about 43 nm. The possi-
bility for slightly smoother surfaces after running in, with the
combination of surface amplitude reduction [17, 18] makes full
film lubrication possible. For the test performed at the higher
contact pressure, 1.94 GPa, it is more likely that asperity inter-
actions occurs at the lowest speeds, even considering running in
effects and amplitude reduction. The calculated minimum film
thickness for the higher pressure case can be seen in Fig. 5.

3.2. Friction

As discussed in previous work [16] the friction maps could
be divided into several different regimes where friction isgov-
erned and influenced by different factors. Recent work on fric-
tion regimes in quantitative EHL [11] has led to more detailed
knowledge about the regimes, and the addition of one more
regime is also included in the present work. The regions can
be seen in Fig. 8, which results from a measurement conducted
at the same conditions as Fig. 1(d) but with rougher surfaces
for a more pronounced mixed lubrication region.

In the linear region, shear stress is proportional to shear rate,
and will thus lead to a linear increase in friction. This lin-
ear relationship is only seen at low SRRs, and the upper limit
(in SRR) becomes even lower with increasing pressures as the
shear stress increases faster with shear rate at higher pressures
and at lower entainment speeds.

The non-linear region is influenced by shear thinning and
dominated by the growth of a limiting stress region. The shear
stress will no longer increase proportional to shear rate. It will
rather increase at a reduced rate until limiting shear stress is at-
tained over much of the contact. Then, shear stress becomes
independent of shear rate. However, if one keeps on increas-
ing the sliding speed, thermal effects eventually dominatethe
frictional response overwhelming other effects includinglimit-
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Figure 6: Friction power [W], 40◦ C, 1.07 GPa
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Figure 7: Friction power [W], 40◦ C, 1.94 GPa

ing shear stress which is no longer reached. As a consequence,
friction starts decreasing with increasing SRR due to combined
thermal and shear-thinning effects. This regime has been iden-
tified as the Thermoviscous regime.

In the boundary between the mixed lubrication regime and
the Thermoviscous regime lies the Plateau regime. Here, fric-
tion reaches an asymptotic value and shows little variationindi-
cating that the frictional response of the contact is governed by
the limiting shear stress behavior of the lubricant.

The last region is the mixed lubrication region where asper-
ity contacts occur between the surfaces, and the coefficientof
friction is therefore a combination of hydrodynamic effects and
asperity interaction.

By looking at the overview of the four cases in Figure 1 it is
clear that the numerical model manages to capture the overall
frictional behavior such as the linear increase in frictionwith
shear rate at low SRR, the non linear increase in friction leading
to the limiting shear stress and the reduction of friction athigher
entrainment speeds and SRRs due to thermal effects. Mixed

Mixed

Linear

Non-Linear

Plateau

Thermoviscous

Figure 8: 3D friction map with regimes

lubrication effects are however not included in the numerical
model, and could therefore be part of the difference betweenthe
numerical prediction and the experimental results at the lowest
entrainment speeds, as discussed in previous section.

At lower entrainment speeds, up to about 2 m/s the predic-
tions are in general not far of, the deviation is typically below
10 % and in line with previous comparisons at these entrain-
ment speeds [9]. At higher speeds the coefficient of frictionis
constantly overestimated by the numerical model, and generally
more so at higher SRRs. When looking at absolute values, and
the difference between the numerical calculations and the ex-
periment as presented in Figs. 2 and 3 it is clear that the model
does not accurately predict all parts of the tested region, or that
some of the boundary conditions in the numerical model does
not fit the experiment.

One of the most striking differences between the predictions
and the experiments are the plateu regime in the predictions,
Figs. 1(a) and 1(b) where the coefficient of friction is almost
constant at a high level over a wide range of entrainment speeds
and SRRs. Such behavior is not as distinct in the experiments,
Figs. 1(c) and 1(d) where instead the friction coefficients drops
faster with an increase in entrainment speeds and SRRs.

By looking at the difference in % between the predictions
and the experiments in Figs. 2 and 3 it is clear that the levels
of difference are situated in the same manner as the levels of
friction power in Figs. 6 and 7. It is therefore likely that one of
the main reasons for the deviation between the prediction and
the experiments are found in how the model handles thermal ef-
fects and/or some thermal behavior in the test rig and specimens
that are not matched in the boundary conditions in the numer-
ical model. It should however be pointed out that the biggest
discrepancies does not occur at the highest entrainment speeds
and SRRs, but rather in connection to the plateau regime.

The numerical model is using bulk temperature as a boundary
condition for the inlet temperature of the lubricant and a steady
state condition is calculated for the specific running conditions
(entrainment speed and SRR.) Any global effects on the spec-
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imen temperature are therefore not taken into account, while
in the experiment it is possible that especially the ball surface
temperature is increasing during the test. As a specific run-
ning condition is measured in the test rig it takes a few seconds
for the machine to adjust rotational speeds of both specimens
to achieve the correct entrainment speed and SRR. Some addi-
tional time is also required for the data capture process. Itis
possible that during this time, the specimens are heated dueto
the friction generated in the contact, and therefore the lubricant
temperature will be slightly higher in the inlet and centralre-
gion of the contact compared to the numerical model. Looking
at the friction power for the low pressure, 1.07 GPa case in Fig.
6, there is a maximum of 7 W. For the high pressure, 1.94 GPa
case in Fig. 7, with a maximum friction power of 55 W, this is
more likely to have an effect on the results, and may be the rea-
son why the deviation in general is slightly larger for the higher
pressure case at higher sliding speeds. If the reasoning above is
the cause for the largest part of the deviations, it is not sufficient
to consider an ideal circular contact. Rather must the effect of
the global geometry on intake and surface temperature be taken
into account.

However, it is also possible that the deviations between the
experimental results and the predictions are due to shortcom-
ings in the rheology models used in the study.

As previously discussed, recent research [11] suggests that
it is not possible to accurately estimate the limiting shear
stress coefficient from EHL friction measurements, since shear-
thinning was found to affect the friction coefficient even when
the limiting shear stress is reached in parts of the contact.

Moreover is the limiting shear stress in the numerical model
used in this work assumed to be only depending on pressure. It
has been shown earlier in measurements that temperature has
an influence on the limiting shear stress [19]. It is reasonable to
believe that this is one of the reasons why the plateu regime is
more pronounced in the numerical predictions. With the inclu-
sion of the temperature dependence of limiting shear stressthe
plateu would probably level off with increased sliding due to a
reduction in limiting shear stress before thermal effects starts to
dominate the friction behavior.

Finally, even rather small deviations in the Carreau equation
and Vogel like function will have a substantial impact on the
resulting friction coefficient.

4. Conclusion

In this paper the results from a true friction prediction in-
vestigation are shown. The transport properties for the fluid
squalane was measured at one laboratory, and was later used at
a second laboratory to predict friction in a numerical modelfor
a circular EHL contact. Finally the same parameters were used
for friction measurements in a ball on disc machine in a third
laboratory. The investigated conditions includes a combination
of higher entrainment speeds and pressures than previouslyre-
ported in this kind of investigation. No tuning of the lubricant
properties, model and test setup was applied.

The predictions were found to capture the main features of
the friction behavior at different entrainment speeds and SRRs.

In absolute values the numerical results were found to be re-
markably good considering the true prediction approach. At
low entrainment speeds the deviations between the numerical
prediction and the experimental results are in general lessthan
10 %, while increasing at higher entrainment speeds and SRRs.
The authors believe that to achieve even better precision inthe
predictions there is a need to refine the assessment of the lim-
iting shear stress of the lubricant, including the effect oftem-
perature. In addition may it be necessary to refine the boundary
conditions in the model to account for global effects on temper-
ature.
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